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Summary 

A Variable Dynamic  Testbed Vehicle is 
presently  being  built for the National Highway 
Traffic Safety  Administration. It will have  four- 
wheel steering,  front  and  rear  active  antiroll  bar 
systems, four adjustable shock  absorbers,  and 
other  active  controls. Using these  active  systems, 
we can  alter  the vehicle’s understeer coefficient, 
front/rear load transfer  distribution  in high-g lat- 
eral  maneuvers,  and roll mode  frequency  and 
damping.  This  study  investigates how these ac- 
tive  systems could  be  controlled to  alter  the ve- 
hicle rollover tendencies.  In  particular, we study 
how an  increased  front  antiroll  bar stiffness,  in 
conjunction  with  an  increased  front  damper  rate 
and  out-of-phase  rear  steering, could improve ve- 
hicle rollover resistance  in  high-g  lateral  maneu- 
vers. Conversely, we also investigate how an in- 
creased  rear  antiroll  bar  stiffness, in conjunction 
with a decreased  rear  damper  rate  and  in-phase 
rear  steering,  could  degrade  the vehicle’s rollover 
resistance.  Results  obtained could  provide  guide- 
lines for the safe operation of these  controlled sys- 
tems in limit  lateral  maneuvers. 

Keywords: Active antiroll  bar,  adjustable 
dampers, four-wheel steering, load transfer dis- 
tribution, rollover tendencies. 

Introduction 

To study  the  correlation between vehicle re- 
sponse  characteristics  and  driver  commands rel- 

ative  to  crash  avoidance,  the  National Highway 
Traffic Safety Administration’s Office of Crash 
Avoidance  Research (OCAR) has at its disposal 
a  comprehensive  set of tools and facilities. These 
include  the Vehicle Research and Test Center  and 
the  (currently  being  built)  National Advanced 
Driving Simulator. To augment  these tools and 
facilities, a Variable  Dynamics Testbed Vehicle 
(VDTV)[’I is presently  being  built for OCAR. 
This vehicle will be  capable of emulating a broad 
range of automobile  dynamic  characteristics,  al- 
lowing it to be  used in  crash  avoidance  sys- 
tems development and  in  driving-related  human 
factors  research, among  other  areas. A simi- 
lar  but more limited  experimental vehicle,  called 
Variable  Response Vehicle, was developed  in the 
1970s  by the  General  Motors  Corporation for ve- 
hicle  handling  research.[2]  This  vehicle  has  inde- 
pendent  electrohydraulically  controlled  front  and 
rear  steering  and  steering  force  systems,  enabling 
it  to  emulate a variety of vehicle  directional con- 
trol  characteristics. 

To emulate  the  dynamics of a broad  range 
of vehicles, the  steering,  suspension,  and  brak- 
ing subsystems of the  VDTV  must  be  “pro- 
grammable.” To accomplish  this  goal,  the  VDTV 
will have the following set of “active”  elements: 
a four-wheel steering  (4WS)  system,  both  front 
and rear  active  antiroll  bar  controlled  systems, 
and four continuously  variable  shock absorbers, 
among  others.  Software  changes  made to  the 
algorithms that control  these  active  subsystems 
can then effect significant  changes in the vehi- 
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Figure 1: Schematic  diagram of a passenger vehicle 

cle's understeer coefficient, the  front/rear load 
transfer  distribution in lateral  maneuvers,  and 
the roll mode  frequency  and  damping.  This 
study  investigates, via a nonlinear  dynamic  sim- 
ulation  program, how these  active  systems  can 
be  controlled to  alter  the vehicle rollover ten- 
dencies.  In particular, we study how increasing 
the stiffness of the front  antiroll  bar,  in conjunc- 
tion with an  increased  front  damper  rate  and 
out-of-phase  rear  steering,  could  improve vehi- 
cle rollover resistance  in high-g lateral  maneu- 
vers. Conversely, we also investigate how an in- 
creased rear  antiroll  bar stiffness,  in  conjunction 
with a decreased  rear  damper  rate  and  in-phase 
rear  steering, could  degrade  the vehicle's rollover 
resistance. 

Vehicle Dynamics  Model 

Consider a vehicle  moving over a flat and level 
road  surface  (Fig. 1). When  the forward speed, 
U, is kept constant,  this vehicle  model  has three- 
degrees of freedom  represented by the  side veloc- 
ity z1, the roll rate p ,  and  the yaw rate r. The side 
velocity 'u is defined at  the point where the vehi- 
cle's  inclined roll axis intersects a vertical  plane 
that passed througll  the vehicle's center of grav- 
ity (c.g.). The side  velocity is that component 
of the vehicle velocity vector that is perpendicu- 
lar to  the axis of symmetry of the vehicle. The 
cornering forces generated by the four  tires  are 

denotxtl b y  F!,; ( i  = 1 to 4). The correspond- 
ing aligning torques generated a t  thesc  tires  are 
denoted by N ;  ( i  = 1 to 4 ) .  Ignoring  all contri- 
butions d r l o  to pitching  dynamics,  the  equations 
of motion 

= a cos Sf F,i - 6 cos 6, F,; 
i= 1 i=3 

4 t + Ni + 5 sin Sf( F,2 - F Y I )  
i=l 

t +- sin ST(  Fy3 - F y 4 ) ,  2 (1) 
( M S  + M,)(UT + C )  - Mszsp 

2 4 

= COS S j  Fy; + COS ST Fyi, (2) 
i=l 1=3 

( L z ,  + I,,, tan A)z; - (I,,, + I,,, tan A)+ 
" S z S ( u T  + ;) = -(Df + D T ) p  

- p - j  + Ir;. + Msgzs)4, (3) 
4 = P ,  (4) 

where a and b define the location of the vehicle's 
c.g. between the axles,  and Ms and lzz, denote 
the  sprung  mass  and  the yaw moment of inertia of 
the vehicle's sprung  mass, respectively.  Similarly, 
&I, and I,,, denote  the  unsprung  mass  and  the 
yaw moment of inertia of the vehicle's unsprung 
mass,  respectively. The roll moment of inertia of 
the  sprung  mass  with  respect  to  the roll axis is 
denoted by Izzs while I,,, denotes  the roll-yaw 
product of inertias of the  sprung  mass.  In (3,4), 
4 denotes  the roll angle of the vehicle's sprung 
mass  about  the  inclined roll axis,  and -z ,  is the 
height of the  sprung  mass c.g. above  the  inclined 
roll axis. The slope of the inclined roll axis is 
t a n A  = ( h j  - h r ) / ( a  + 6), where h f  and h, de- 
note  the  heights of the inclined  roll  axis  above the 
ground  plane at  the front  and  rear  axles, respec- 
tively. Estimated  magnitudes of various vehicle 
parameters  are given in  Table 1. 

In (3),  the roll stiffness of the vehicle at  the 
front and  rear  axles  each  contains  two  compo- 
nents. The first component  represents  that con- 
tributed by the passive  suspension  springs ( I<JP 
and I c T p ) ,  and the second component is that 
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Table 1 Vehicle  Parameter  Values 
(wi th  a driver a n d  test equipment )  

I c.g. distance  to front  axle ( m )  I 
, I ,  

1.02 - 
c.g.  height  above  ground ( m )  0.538 

front/rear height of 0.046 

. I  

roll axis  above  ground (m) 

131 unsprung roll inertia  (kg-m2) 
494 sprung roll inertia  (kg-m2) 

0.0066 

I inertia  about inclined 
roll axis (kn-m2) I 1072 
yaw-roll  product 

of inertias  (kg-m2) l o  
1 

sprung yaw inertia  (kg-m2) 2442 
unsprung yaw inertia  (kg-m2) 475 

\ -  

front/rear roll camber 

0 front/rear roll steer 
0.894 coefficient (deg/deg) 
0.741 

coefficient (deg/deg) 0 
front/rear roll 1186 

stiffnesses (N-m/deg) 798 
front/rear roll 

48.9 damping  (N-m-s/deg) 
48.9 

front/rear  steering 
15 actuator  bandwidth (Hz) 
1 5 

front/rear  antiroll  12 I bar  actuator  bandwidth (Hz) 

contributed by an active  antiroll  bar ( K ~ A  and 
I < T A  1. 

Since both K f A  and Iir.A can be actively con- 
trolled, we can, in rcal time,  alter  the following 
load transfer  distribution factor, IC,: 

I -  r r  

To account for the actlmtor dynamics of the front 
and  rear  antiroll-bar syst,ems, the  instantaneous 
load transfer  distriblttiorl  factor, I C ,  is related  to 

K, b y  t , I w  following rolittion: 

T+h: + K = t i c  (8) 

where: ~ , b  is t811c time  constant of the active 
;Lntiroll-har system (cf. Table 1). Similarly,  the 
front and rear damping coefficients i n  ( : 3 )  can be 
act>ively controlled using four adjustable  dampers. 
The  instantaneous  damping  rates  are: 

D f  1 7 f D f P  (9) 
h 

DT = VTDI'P ( 10) 

where D j p  and DTp represent the  nominal  pas- 
sive damping  rates at  the vehicle's front  and  rear 
axles,  respectively  (cf.  Table 1). The control vari- 
ables, q f  and qT,  which  vary  between 0.5 and 2.5, 
are used to  alter  the vehicle roll mode  damping. 

The  lateral force and aligning torque  produced 
by a tire  are  both  related  to  the  tire  slip  angle  and 
the  normal  loading  on  that  tire. The commanded 
slip  angles a f ,  and aT, at  the  front  and  rear axles 
are given respectively by the following kinematic 
relations: 

a f C  = tan- ( ) - S f  - Ebfq5 (11) 
aTc = tan-'( u-bFhrp) - ST - EbT$ (12) 

where S f  and ST denote  the  front  and  rear  steering 
angles,  respectively. The  parameters E b f  and EbT 
are  the roll steer coefficients at the  front  and  rear 
axles,  respectively. These  commanded  slip angles 
are  related  to  the  instantaneous  slip angles  via 
the following second-order  dynamic relations:[4] 

1 V f U T - h f p  

CYf + 2CRd.f + R2af = R 2 a f c  (13) 
i i T  + 25R&, + R2a, = R2aTc (14) 

where ( and R are  the  damping  ratio  and  natu- 
ral  frequency of the second-order  tire  dynamics. 
The  natural  frequency can be  estimated by: fl = 
U/Lrelax, where Lrelax is the  relaxation  length of 
the  tire  (cf.  Table  2). 

The normal  loadings on the  four  tires  are given 
by the following expressions: 

F z l  = ( M S  + M')& + I f  (15) 

F z 2  = ( M S  + M')& - tf ( 16) 

F Z 3  ( M S  + i c r U ) f i  - I T  (17) 
F Z 4  = ( n / r g  + + I T  ( 18) 
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where K is the load  transfer  distribution  factor, 
defined in (8)) and t is the average  track  width of 
the vehicle. The expression for the  lateral accel- 
eration ay is true only if Ii‘f + IC, >> Ms(- z3 )g  
and K f ( - z s )  >> (Ii‘f + K T ) b / ( u  + b ) h f .  These 
inequality  conditions  are  satisfied  in  our  study. 

In  arriving at ( 11712), we have  assumed that 
the vehicle has  both  front  and  rear  steering  actu- 
ators.  In  our  study,  first-order models are used 
to account for both  the  front  and  rear  steering 
actuator  dynamics: 

Here S f ,  and 6,, are  commands  to  the  front  and 
rear  steering  actuators, respectively. In  (22-23), 
rf and rT are  the  time  constants of the  front  and 
rear  steering  actuators)  respectively  (cf.  Table 1). 

Kinematic  Model 

In  addition  to  the  above  described  dynamic 
equations,  the following kinematic  relations  are 
used to  compute  the  resultant vehicle heading 
and  trajectory: 

d = r  (24) 
x = Ucos+--vsin+ (25) 
j ,  = Usin+  +vcos+ (26) 

In  Fig. 1, n: and y are  the  rectilinear  coordinates 
of the vehicle’s c.g.  relative  to  an  arbitrary ref- 
erence  origin. The angle + is the  angle  formed 
between the vehicle’s longitudinal  axis  and  the  x 
axis, defined to be positive i n  the clockwise direc- 
tion. 

Tire  Model 

A nonlirlear t i rc  model docunlcntecl i n  Ref. 5 
is used in this st,utly. When  the tire’s slip  ratio 
is zcro,  wc have the following simplified  expres- 
sions that  relate  the tire’s lateral force and align- 
ing torque  to  its slip angle,  camber  angle,  and 
normal  loading. 

Composite  slip 

g i  = Sgn(ai) 4 F Z t P ~  
7r tana (A0 + Alp,; - 2F,2,) (27) 

for i = 1 to 4, and p i  is the coefficient of fric- 
tion  between the ith tire  and  the  road  surface. 
The normal  loadings F,; were given  in  (15-18), 
while the  tire  slip  angle a; was defined in (13- 
14).  Note that al = a2 = c r f  and a3 = a4 = a,. 
The  parameters Ai ( j  = 0, 1, and 2) are  Calspan 
coefficients that were determined  experimentally. 
Magnitudes of these  and  other  Calspan  tire coef- 
ficients are given in  Table 2. 

Road/tire coefficient of friction 

peak friction coefficient at   i th tire 

lvtest 

X { 1 - K P  sgn(a;)  sin a;} (28) 

for i = 1  to 4, and Nsimdation and Ntest are  the skid 
numbers of the  road  surface used  in this  simula- 
tion  study  and  the  test  surface  on which another 
set of Calspan coefficients, Bj ( j  = 1, 3, and  4), 
were determined.  The  Calspan  parameter I{’, is 
also determined  experimentally. 

Tire force saturation  function 

for i = 1 to 4, and  the  tire  saturation coefficients 
Cj ( j  = 1  to  4) were obtained  via  curve  fittings 
of test  data. 

Camber  thrust 

for i = 1 to 4 ,  and y; is the  camber  angle of the 
ith tire. Note that y1 = y2 = Y ~ ,  and y3 = y4 
= y T .  The  parameters I{-, and Aj ( j  = 3 and 
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for i = 1 to 4 ,  a n { l  p i  and f ( c L )  were defined in 
(25) and (29),  respectively. The normal  loadings 
Fz; were given  in ( lS - lS ) ,  and  the  camber  thrust 
F+ was given in (30). The  lateral force generated 
by the zth tire, Fy;, was used in (1-2). 

Al igning   to rque  

for i = 1 to 4, and  the  parameters Kl  and G1 are 
Calspan coefficients that  are  determined  experi- 
mentally. The aligning torque  generated by the 
ith tire, N ; ,  was used in (1). 

Table 2 Calspan Tire Coefficients 
(P205/75R15) 

{British  units were used  in Ref. 6) 

20 40 60 80 1 0 0  120 140 
longitudinal distance [m] 

Figure 2: A reference two-lane change  trajectory 

High-g Two-Lane Change Maneuvers 

A severe  two-lane  change  maneuver  typically 
involves a large two-way load transfer between 
the  inside  and  outside  tires.  In  extreme cases, it 
can  lead to  the lifting of one  or  more  tires  above 
ground,  resulting  in a rollover.[6] In  our  study, we 
use the following fifth-order  polynomial to repre- 
sent  the desired lane  change  trajectory  that  the 
driver would like to  track closely:[7] 

where x f  and yf denote  the  position of the ve- 
hicle at the  end of the  lane  change.  In  our two- 
lane change maneuver, yf = D and x f  = U x xc, 
where TlC is the  lane  change  time.  Fig. 2 illus- 
trates  this fifth-order trajectory for the following 
nominal  scenario: U = 125 km/h, D = 7.2 m,  and 
T,, = 2.2 s. From (33) we can  compute  the refer- 
ence  curvature cr and  reference  heading angle Y;p 

of this  trajectory: 

& ( X )  dY = 3Ox2(x f  - X ) ~ I J ~ / X ;  
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o.81“-”- ’ I stccring cornmaz11cI (luring  thc rcflexivc: phase of 
t t l c  lanc  change  mancuvcr.  Instcwl, 11e executes 
an “op(:n-loop” steering cornmancl based upon 
t j I w  estimated roadway curvature  and his learnt 
knowledge of the vehicle’s lateral  characteristics. 
I n  the  subsequent  regulatory  phase of the  lane 
change  maneuver,  the  driver will use small  steer- 
ing adjustments  to zero out  residuals in the vehi- 
cle’s yaw rate,  side velocity, heading  angle,  etc., 
in a “closed loop.” 

-0.8‘ 
0 20 40 60 80 100 120 140 

longitudinal distance [m] 

Figure 3: Reference curvature  and  heading  angle of a two- 
lane  change  trajectory 

The variations of the reference  heading and  cur- 
vature  with  the  longitudinal  distance  are illus- 
trated in  Fig. 3. 

To track  this  trajectory, a driver uses a com- 
bined  feedforward and feedback  control law to 
steer  the vehicle.  Let  us define: 

W ( t >  = $ 4 )  - $(t> (38) 
A m  = Y m  - Y(t> (39) 
A+) = C T ( t )  - r / u  (40) 
feedforward 

-. 
feedback 

Here, cT( t  + t,) is the reference curvature  at a 
look-ahead  distance  as  determined by the driver’s 
preview time t,. Curvature  deviation Ac(t) de- 
notes  the difference  between the reference cur- 
vature  and  the  current  curvature of the vehicle, 
r / U .  Ay(t) denotes how far  the vehicle’s c.g.  has 
deviated  from  the  centerline of the reference tra- 
jectory, while A$(t) denotes how much  the ve- 
hicle’s axis of symmetry  has  deviated  from  the 
local tangent of the reference trajectory.  The 
steering cornmancl is S, , ( t ) .  The feedforward gain 
is fc, and  the feedbiLcl< gains  are lea,, 1<ay and 
I<A,J,. As conjecturccl in Ref. S, we assume in 
this  study  that a n  esperienced driver  does  not use 
the positional  and hcacling errors  to  generate  the 

Vehicle Performance:  Passive Vehicle 

Using Eq. (41), we can compute  the  steering 
command needed to  make a two-lane  change  ma- 
neuver.  Time  histories of the  resultant passive ve- 
hicle  responses are  depicted in  Figs. 4-11. These 
results were obtained for a two-lane  change  ma- 
neuver made with U = 125 km/h, D = 7.2 m, 
and TlC = 2.2 s. Driver’s model  parameters used 
in  this  lane  change  are: t ,  = 0.13 s, K c  = 12.75 
rad-m,  and IiaC = 2.45 rad-m.  This  set of re- 
sults will be used  as a baseline to which results 
obtained using an actively  controlled VDTV are 
compared  with. 

Figs. 4-7 depict  the  time  histories of the vehi- 
cle’s  yaw rate,  lateral  acceleration,  front  steering 
angle,  and roll angle, respectively.  Figs. 8-11 de- 
pict  the  transient  variations of the  normal  load- 
ings at the four tires.  In  these figures,  results 
obtained for the passive  vehicle and  the VDTV 
are  plotted  with solid and  dashed  lines, respec- 
tively. Details on how the VDTV results were 
obtained will be given  in the  next  section. 

For the vehicle  used  in our  study,  the  static 
loadings on the  rear  tires  are lower than  those  on 
the  front  tires. As such,  in a high-g  maneuver, 
the lowest tire  loading will likely to occur at  one 
of the two rear  tires. To  avoid a rollover,  none 
of these  tire loadings  should  be  near  zero.  From 
Fig. 9 we observe that  minimum  loading  on  the 
left rear  tire  occurred  at  about  the  same  time 
that  the  lateral  acceleration  peaks in the nega- 
tive  direction.  This  minimum  tire  loading,  about 
lS6 kg.wt., is also the lowest tire loading among 
all the  tires  throughout  the  lane  change  maneu- 
ver. Hence, there is no incipient rollover in this 
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Figure 4: Yaw rate responses of VDTV  and passive vehicle Figure 6: Front  steer  angle of VDTV  and  passive vehicle 

Time [sec] 

Figure 5 :  Acceleration of VDTV and passive vehicle 

Time (sec] 

Figure 7: Roll angle of VDTV  and passive  vehicle 
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Figure 8: Left front vehicle  loadings  Figure 10: Right  front vehicle loadings 
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Figure 9: Left rear  vehicle  loadings  Figure 11 : Right  rear vehicle  loadings 
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Rollover resistance: How t o   improve  i t? 

To  increase the vehicle resistance  to rollover, 
we can  increase  the stiffness of the  active  front 
antiroll  bar K j A  with the vehicle yaw rate T :  

K ~ A  c x I  T I .  The  rationale for this  control  al- 
gorithm is as follows. The vehicle’s lateral accel- 
eration is related  to  the vehicle’s yaw rate. If we 
increase the vehicle’s front  antiroll  bar stiffness 
in a high-g maneuver, a larger  proportion of the 
load transfer will be  carried by the  front  axle,  and 
that at the  rear  axle will be reduced. That being 
the case, the  magnitude of the  minimum  loading 
on  the  rear left tire will increase,  and  the vehicle 
rollover resistance is improved.  Alternative con- 
trol  algorithms  that could  achieve the  same effect 
include: K f A  c x I  S f ,  1 ,  ICjA c x I  uy  1 ,  K f A  oc u i ,  
etc. See also Ref. 9. For brevity,  only  results ob- 
tained using the vehicle’s yaw rate will be given 
in the following. 

It is unlikely that a vehicle will rollover in a 
low-g maneuver. Hence, there is no motivation 
to  activate  the  front  active  antiroll  bar in  these 
low-g scenarios.  On the  other  hand,  there is a 
mechanical  limit to which the front  antiroll-bar 
stiffness can  approach.  Considering  these  factors, 
the above  suggested  control  algorithm is modified 
as follows: 

(43) 

Here, li?,!;“’ denotes  the  mechmical  limit of the 
front  antiroll ba.r stifhess,  and 7’db denotes  a yaw 
rate cleaclbnncl. I f  the vehicle yaw rate falls within 
h d b ,  the frorlt alltiroll-bar  control  system will not 
be activated. 

I n  t,his st>u(ly, we select r,ih t ,o  hc 1.25 tlog/sec 
which corrcsponds to a lai,cral ;m:clcration of 
; L l > o l l t  0.25 g (for t h c  passive vehicle). T h c  feed- 
back gain k ,  wa.s selected  as follows:  Let us as- 
sume that our objective is to  increase  the  mini- 
mum  tire loading (at  the left rear tire) from 186 
to 240 kg.wt. in a 0.7.5-g lateral  maneuver.  The 
required value of K that can  accomplish  this  goal 
could be determined using equations  (17)  and 
(21). For uy = 0.75g and Fz3 = ‘240 kg.wt., 
we have K = 0.462. From equations (5”) ,  it is 
clear that a K ,  of 0.462 could be achieved if we 
have Ic fA  = 984.2 Nm/deg  and K T ~  = 0 Nm/deg 
(;.e.,  without  using the  rear  anti-roll  bar  actua- 
tor).  The peak  value of the vehicle’s yaw rate for 
a 0.75-g maneuver  is  about 20 deg/sec.  Hence, 
the value of IC, should  be  984.2/(20-1.25)~57.3~ 
x 172,340 Nm/rad  per  rad/s.  This feedback gain 
is rounded to 200,000 Nm/rad  per  rad/s is this 
study.  The  magnitude of KTh is assumed to  be 
identical to K f p .  

The increased front  antiroll  bar stiffness will 
cause the  damping  ratio of the vehicle roll mo- 
tion to drop. To maintain  the  same roll damping 
ratio,  the  front  damper  rates  must  be increased 
by a factor that is proportional to  the  square root 
of the  passive-to-active  front roll stiffness ratio. 
The  same is true for the  rear  axle.  Thus,  the  ad- 
justable  dampers at the  front  and  rear axles are 
controlled  according to  the following algorithms: 

(44) 

(45) 

where q f  and qT are  the  damping  rate  ratios de- 
fined in (9,lO). 

The  time  histories of the  front  steering com- 
mand  and  the load transfer  distribution  factor  ob- 
tained using control  algorithms (42-45) are given 
in Figs. 12 and 13, respectively.  Relative to 
the  steering  command used by the passive ve- 
hicle (cf.  Fig. 6),  that given in Fig. 12  is 
significantly  larger. This is not  unexpected  be- 
cause  a vehicle’s understeer coefficient typically 
increases with an  increase in the front  antiroll  bar 
stiffness.[‘] Hence, a larger  steering angle  must be 
used to achieve the  same level of lateral acceler- 
ation ( x  f0.75 g). 
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L“ 16. 1:l cl(yict,s t , h ( :  t,irnc hist,ory o f  the l o a d  
t , r : ~ ~ ~ s f o r  clist,rii)ut,ion  fact,or K .  ‘L‘ho “stntic” value 
o f  K is about, +‘LO‘%. ‘rhis  means that t h e  front 
a n c l  rear aslcs c:arrv ahout, 60% a.tlcl 40%, respec- 
t i d y ,  o f  t h e  total load transferred i n  a lateral 
maneuver ( K  is the difference between 60% and 
40%).  With  the front antiroll  bar  activated,  the 
peak value of h: is near 48% ( k r  was selected to 
achieve a K of 46.2% when the  lateral acceler- 
ation is M 0.75g). That is, the  front  and  rear 
axles, at  the  time when K peaked,  carry 74% and 
26%, respectively, of the  total  load  transfer.  The 
reduced  load  transfer at  the  rear  axle causes the 
minimum  loading at the  left  rear  tire  to  increase 
from 186 kg. wt.  (for the passive  vehicle)  to 240 
kg. wt. In  this way the vehicle  rollover  resistance 
is improved. Not shown in  Fig.  14 is the  fact 

0 -  1 I 

-4- ’ ’  . . .  . . . . .  - 

-‘O 015 1 1.5 2 2.5 3 3.5 4 
I that  the peak  value of I ( f A / I i f p  = 0.91,  and  the 

Time [sec] mechanical  limit of I ( fA was never  exceeded. 

Figure 12: Front  steering  angle of VDTV We can  use the VDTV’s  4WS  system  to over- 
come  problems  associated  with the increased ve- 
hicle understeer coefficient. In  particular,  out- 
of-phase  steering of the  rear wheel  typically  pro- 
duces an  oversteer effect that  can  be used to 
cancel the  understeer effect produced by the in- 
creased  front antiroll  bar stiffness. That is, when- 
ever the front  antiroll  bar  system is activated, 
we will simultaneously  steer the rear wheels ac- 
cordingly to  the following relation: ST ,  = R x Sf, 
Here, R denotes the  front-to-rear wheel  angle  ra- 
tio, which is defined positive if the wheels are 
steered in  phase.  In  this  study, we use a ratio 
of -0.35 to  produce  an  oversteer effect.  Results 
obtained  are given in Figs. 4-11 and  14. 

As depicted in Fig.  4,  the  front  steering angle 
command of the  4WS VDTV is almost  identical 

B 

obtained with the passive  vehicle  (cf.  Fig. 7) be- - I O  

to  that used by the passive  vehicle. The peak 
I 5  - 

roll angle of the  4WS VDTV is smaller  than  that 

cause of the increased  front antiroll  bar stiffness. 
The load  transfer  distribution  ratio of the 4WS 

as that shown in Fig.  13. But  it now peaks at a 
Figure 13: Load transfer distribution  factor of VDTV slightly  higher value of 50% (instead of the 48% 

shown in Fig. 13). 

5 -  

0 
0 0.5 1 1 5  2 2.5 3 3.5 4 VDTV,  depicted in  Fig.  14, is about  the  same 

T m  (8.61 

Comparisons  between  the  tire  loadings of the 
passive vehicle and those of the 4WS VDTV are 
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Figure  14:  Load  transfer  distribution  factor of the  4WS 
VDTV 

given  in  Figs. S-11. Since the front roll stiffness 
of the VDTV is larger  than  that of the passive ve- 
hicle, a larger  proportion of the  lateral  load  trans- 
fer is being  carried at  the VDTV's  front  axle. 
This is clearly reflected in the  time  histories of 
the two front  tire loadings (the peak-to-peak of 
the dashed  lines  are  larger than those of the solid 
lines). Also, with  smaller  load  variations at  the 
rear  tires of the 4WS VDTV,  its  minimum  tire 
loading is now larger than  that of the passive ve- 
hicle. Thus,  the rollover resistance of the  VDTV 
is improved. 

Rollover  resistance: How t o  lower it? 

To study  accidents involving a vehicle rollover, 
there  might  be a need to artificially lower the 
rollover resistance of a test vehicle. To this  end, 
we might  want  to  increase  the roll stiffness of the 
rear antiroll  bar: 

Here, KZCh denotes the mechanical  limit of the 
rear  antiroll  bar stiffness, and r d b  denotes a yaw 
rate  deadband. The results given in the follow- 
ing were obtained w i t h  rdb  = 1.25 deg/s,  but  it 
needs not be it lcutl ical  to that used in (42-43). 
The feedback gain X:, was selected as follows:  Let 

50 

Increased Rear 

Roll Sflflness 

0 t 

0.5 1 1.5 2 2.5 3 3.5 
Tlme pecl 

Figure 15: Load transfer  distribution  factor of VDTV 

us assume  that  our  objective is to  reduce  the  min- 
imum  tire  loading (at the left rear  tire)  from 186 
to 140 kg.wt.  in a 0.75-g lateral  maneuver.  The 
required value of K determined using equations 
(17)  and  (21) is 0.08. From  equations (5-7), it 
is clear that a K ,  of 0.08 could be achieved if 
we have I < ~ A  = 0 Nm/deg (;.e., without using 
the front  anti-roll  bar  actuator)  and K r ~  = 212.3 
Nm/deg.  The  peak value of the vehicle's yaw rate 
for a 0.75-g maneuver is about 20 deg/sec. Hence, 
the value of IC, should  be  212.3/(20-1.25)~57.3~ 
PZ 37,200 Nm/rad  per  rad/s.  This feedback  gain 
is rounded to 50,000 Nm/rad  per  rad/s is this 
study.  The  magnitude of KTh is assumed to be 
identical  to K r p .  

Whenever  the  rear  antiroll  bar roll stiffness is 
increased,  there will be a corresponding  decrease 
in the vehicle understeer coefficient. To restore 
the  understeer coefficient, we will steer  the  rear 
wheels in  phase  with  the  front wheels. That is, 
whenever the  rear  antiroll  bar  system is activated, 
we will simultaneously  steer the rear wheels as 
follows: ST,  = R x Sf, .  In this  study, we use a 
ratio of +0.10 to  produce  the  required  understeer 
effect.  Results obtained  are given  in  Figs. 15-16. 

Fig. 15 depicts  the  time  variation of the load 
transfer  distribution  factor n.  Here, we note that 
stiffening the  rear  antiroll  bar  system causes h: to 
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Figure 16: Left rear  loadings of VDTV and passive vehi- 
cles 

drop  to  as low as 4% (IC, was steered to achieve 
a IC of 8% when  the  lateral  acceleration  is  about 
0.75g). That  is,  the front  and  rear  axles,  at  the 
time when K is at a local minimum,  carry 52% 
and 48%, respectively, of the  total load transfer. 
The larger  load  transfer at the  rear  axle causes 
the  minimum  loading  at  the  rear left tire  to  drop 
from 186 kg. wt. (for the passive  vehicle) to 140 
kg. wt.  (see  Fig. 16). In  this way, the vehicle 
rollover resistance is degraded. 

As an  extreme  scenario, consider the case when 
we would like to  achieve a minimum  tire loading 
of 100 kg.wt. The required  value of K is -0.072. 
To achieve a K ,  of -0.072, we could use a K ~ A  = 0 
Nm/deg  and K , A  = 572.0 Nm/deg.  The  magni- 
tude of Ii7,~ selected  might  be  unnecessarily  large. 
As an  alternative, we could achieve the  same K ,  

using a K ~ A  = -265.43 Nm/deg  and  a I c T ~  = 
$265.43 Nm/deg.  Note  the use of a  negative  front 
antiroll  bar  stiffness. For brevity,  results  obtained 
using these  combination of front  and  rear  antiroll 
bar stiffnessese are not given here. 

Summary 
The Variable Dynamic  Testbed Vehicle, cur- 

rently being built for tlw  Natiotlal Highway Traf- 
fic Safety  Administration will have four-wheel 
steering,  front and rear active  antiroll  bar sys- 
tems, and other  active  controls.  Coordinated con- 
trols o f  these  nctivo devices coulcl  be made  to sin- 

gularly altcr t tw vehiclc front/rcar l o a d  transfer 
tlist,rihr.~tion factor without ,  affecting ot,her vehicle 
ct1;lr;Lcterist~ics such as its  understeer coefficient. 
( ‘ a n t l i t l ; L t k  control nlgorit,hms that, could alter  the 
lo;~tl distribution (ancl hence the vehicle’s rollover 
resistance)  are  described in this  study. 
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